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ABSTRACT

Organic Rankine cycles (ORCs) are used for
electricity ~ production ~ from  low-temperature
(geothermal) heat sources. These ORCs are often
designed based on experience, but this experience will
not always lead to the optimum configuration. The
ultimate goal is to design ORCs by performing a
system optimization. In such an optimization, all
components and cycle parameters are optimized
together to obtain the optimum power plant
configuration; all components are adjusted to each
other. In this paper, a first step towards such a system
optimization is taken by optimizing the cycle
parameters together with the configuration of the plate
heat exchangers. In this way every heat exchanger has
the optimum allocation of heat exchanger surface,
pressure drop and pinch point temperature difference
for the given boundary conditions and for use in the
obtained ORC.

1. INTRODUCTION

The amount of energy stored in low-temperature
geothermal heat sources is huge (Tester et al. 2006),
but the conversion to electricity is inefficient due to
the low temperature. Much research has been
performed to maximize this conversion efficiency by
the use of binary cycles (Dai et al. 2009, Saleh et al.
2007, Walraven et al. 2013). Most of these studies
optimize the cycle parameters (pressures and
temperatures) for different working fluids, but make
assumptions about the components. Heat exchangers
are assumed to be ideal or to have a fixed pressure
drop, the values of pinch point temperature differences
are assumed, etc. The choice of these parameters has
an important influence on the performance of the ORC
and on the total cost of the installation.

This issue is already touched upon in the literature.
The influence of the heat exchangers was investigated
by Madhawa Hettiarachchi et al. (2007). They
minimized the ratio of the total heat exchanger surface
and the net power produced by the cycle. The
configuration of the heat exchangers was fixed. Franco

and Villani (2009) divided the ORC in two levels: the
system level and the component level. First, the
authors optimized the system level. In a next step, they
used this optimum system configuration to find the
optimum configuration of the components. An
iteration between both levels was needed to come to
the final solution. The optimum system configuration
obtained in this way will probably be very close to the
one in the first iteration. To obtain the global optimum
configuration of the ORC, a system optimization
should be performed. In such an optimization, the
system and the components are optimized together so
that the components are adjusted to each other and that
the components have the optimum configuration for
the use in the cycle. Realistic models for all
components are needed. These models should describe
the performance and cost of the components as a
function of some geometric parameters. Software for
numerical optimization, which can deal with relatively
large, strongly non-linear problems is needed.

In this paper, the first steps for a system optimization
of an ORC are taken. Existing models for plate-type
heat exchangers are implemented for the use as single-
phase heat exchangers, condensers and evaporators.
Pressure drops and heat transfer coefficients are
calculated with correlations as a function of the heat
exchanger geometry. These heat exchanger models are
added to a previously developed ORC model, in which
the heat exchangers were assumed to be ideal
(Walraven et al. 2013). The software package CasADi,
which is a platform for automatic differentiation and
numerical optimization (Andersson et al. 2012), is
used to perform the optimization.

Only simple ORCs are investigated and no other
components than the heat exchangers are modeled. In
fact, a platform is developed for system optimization
of ORCs. Further research will extend this platform by
adding extra components (shell-and-tube heat
exchangers, turbine and cooling system) and by
allowing other configurations of the ORC (with
recuperator, with turbine bleeding and multi-pressure
cycles)
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2. THERMODYNAMIC CYCLE

Figure 1 shows the scheme of a simple ORC. The
working fluid is pumped to a high pressure (1>2),
heated by the brine in the economizer, evaporator and

superheater (2->6), expanded in the turbine (6->7) and
cooled in the desuperheater and condenser. The
numbers of the states are the same as used in
Walraven et al. (2013).

out Evaporator in
T INAINAT DA
5 F NN\ 4NN\

Economizer

®

Superheater 6/
.

(Condenser

Desuperheater

Figure 1: Scheme of an ORC with the different heat exchangers. The state points are the same as in (Walraven

et al. 2013).

In figure 1, 5 heat exchangers are shown, but not all of
them have to be used. When the working fluid is a dry
one, often no superheater is needed. An ORC with a
wet fluid often does not have a desuperheater and
transcritical cycles do not need an evaporator.

State 1 is saturated liquid, state 6 can be saturated or
superheated vapor and the cycle can be subcritical or
transcritical. More information can be found in
Walraven et al. (2013), in which the cycle is
described. In this paper, the power needed to
compensate the pressure drop in the brine and cooling
water is also taken into account.

It is assumed that the pumps and the turbine have a
fixed isentropic efficiency of 80 and 85%,
respectively. The models for the heat exchangers are
given in section 3. With these models, the heat transfer
coefficient and pressure drop can be calculated,
depending on the geometry of the heat exchangers.
These geometries will be optimized, together with the
parameters of the cycle (temperatures and pressures).

3. PLATE HEAT EXCHANGERS

In order to find the optimum configuration of the heat
exchangers used in the cycle, models which describe
the performance of the heat exchangers as a function
of the configuration are needed. Models for single-
phase heat exchangers, evaporators and condensers are
found in the literature and are described below.

3.1 Single-phase

Martin (1996) has developed a model for plate-type
heat exchangers with chevron-type corrugations in
which many geometrical parameters are included.
These parameters are shown in figure 2.
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Figure 2: Geometrical parameters of the chevron-
type heat exchanger (Martin 1996).

The corrugations are determined by the amplitude a,
the width A and the angle of the corrugations 3. The
hydraulic diameter is then defined as:

Dy = 4a/q) [1]

with @ the ratio of the total area of the plate to the
projected area. This ratio is given by:

Or(1+VI+ X +4/1+X7/2)  [2]

in which the dimensional corrugation parameter X is
defined as:

X = 2ma/A [3]

The total pressure drop in the heat exchanger is given
by:

EL, pv?
=D 2 14
h

with & the Darcy friction coefficient, L, the length of
the plate between the inlet and outlet port, p the
density of the fluid and v the velocity of the fluid.



Martin (1996) obtained the following formula for the
friction coefficient:

i_ cos
\/E_\/btanB+csinB+Eo/cosB
+1—cosB [5]

Va

&, and &; are the Darcy friction coefficient in the case
B is equal to zero and 90°, respectively. These
coefficients are given by:

_ 64
" Re

& = (1.8logRe — 1.5)72

& Re < 2000  [6]

Re > 2000 [7]

and
597
G1=ge T38 Re < 2000  [8]
39 Re > 2000 [9]
& = Re0:289

where Re is the Reynolds number based on the
hydraulic diameter.

The parameters a, b and c are obtained by comparing
equation [5] with experiments. The optimum values
according to Martin (1996) are 3.8, 0.18 and 0.36,
respectively.

The correlation for the Nusselt number is:
1/ 1/6
Nu = 0.122Pr3 (T]_> [€Re? sin(2¢)]°37¢  [10]
w

with Pr the Prandtl number, 1 the viscosity and n,, the
viscosity at the wall temperature.

3.2 Evaporator

Han et al. (2003a) developed correlations for the
Nusselt number and pressure drop for evaporation in
plate heat exchangers with chevron-type corrugations
which depend on the geometrical configuration of the
exchanger.

The Nusselt number is calculated as:

Nu = Ge; Regg?Bod3Pre [11]
Ge, and Ge, are non-dimensional geometric
parameters. Re.q and Bo., are the equivalent
Reynolds and boiling number, respectively. These
parameters and numbers are given by:

—0.041

Ge, = 2.81 (D—h) p-283 [12]

—0.082

Ge, = 0.746 (D_h) po-61 [13]
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GegD
Regy = —222 [14]
q
B
Oeq Gethg [15]

U is the viscosity of the saturated liquid, q the heat
flux, hg, the enthalpy of evaporation and G, the
equivalent mass flux, given by:

1/2
GquG[l—X-I-X(E) ] [16]
Pg

with G the total mass flux, x the quality of the two-
phase fluid and p,the density of the saturated vapor.

The frictional pressure drop is calculated as:
2
Lp Geq

Apg = f-2 -4 [17]
Prr Dh D

with f the two-phase friction factor and p, the density
of the saturated liquid.

The two-phase friction factor f is calculated as:
f = GesRegy* [18]

where the non-dimensional geometric parameters Ges
and Ge, are given by:

-5.27

A
Ge; = 64710 (D—h) g-303 [19]
—0.62
Ge, = —1.314 (—) p047 [20]

Dy

3.3 Condenser

The correlations for the condenser are given by Han et
al. (2003b). The correlation for the Nusselt number is:

Nu = GelReggzprfl/3 [21]
with
—-2.83
Ge, = 11.22 (—) B4 [22]
Dy
0.23
Ge, = 0.35 (—) gLe [23]
Dy

The equivalent Reynolds number is given by equation
[14].

The frictional pressure drop is calculated from
equation [17]. The correlation for the condensation
friction factor is:

f = Ge;Rege* [24]
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The non-dimensional geometric parameters are given
as:

A 4.17
Ge; = 3521.1 (D—h) B=77° [25]
0.0925
Ge, = —1.024 (—) p13 [26]
Dp

4. OPTIMIZATION

The objective of the optimization is to maximize the
net power produced by the power plant. This power is
defined as:

A — 1A ATORC ircooling Arbrine
Whet = Wiurbine — Wpump -W - Wpump [27]

pump
Wturbine = My (h6 - h7) [28]
Wolkp = twr(h, —hy) [29]

myr iS the mass flow of the working fluid, hy is the

enthalpy of the working fluid in state x. W;ﬁfr};“g and

Wpkine are the power needed to overcome the pressure
drop of the cooling water and the brine, respectively.

The decision variables are the temperature and
pressure at the inlet of the turbine (state 6 in figure 1),
the pressure at state 1, the mass flow of the working
fluid and the geometric parameters of each of the 5
heat exchangers. These parameters are the corrugation
amplitude, the corrugation width, the corrugation
angle and the length of the plate. So, there are in total
24 decision variables.

A non-linear inequality constraint is added to the
problem: the heat exchanger surface of all heat
exchangers should be smaller or equal to a maximum
surface Ap.x. The heat exchangers represent a large
part of the total cost of the ORC. The cost of a heat
exchanger depends strongly on its surface (Madhawa
Hettiarachchi et al. 2007). So, An.x IS representative
for the cost of the installation. The optimizer can
choose how to distribute this allowed heat exchanger
surface amongst the different heat exchangers, in order
to obtain an exergetic plant efficiency as high as
possible. The influence of the value of A, is also
investigated.

The optimization is performed by the optimization
software CasADi (Andersson et al. 2012). This is a

symbolic framework for automatic differentiation and
numeric optimization. The software itself chooses to
use automatic differentiation in forward or
reverse/adjoint mode. For the problem in this paper,
the software chooses for the reverse mode. The
advantage of this mode is that the gradient of the
objective function and the non-linear constraint are
calculated much faster and more accurately than a
gradient calculated by finite-differences.

The fluid properties are obtained from REFPROP
(Lemmon et al. 2007) and the complex-step derivative
method (Martins et al. 2003) is used to obtain the
gradient of these fluid properties. This gradient is used
by CasADi to calculate the gradients of the objective
function and the non-linear constraints. The
connection between Fortran and Python is made by
F2PY (Peterson 2009).

5. RESULTS AND DISCUSSION

Table 1 shows the parameters which are used in the
remainder of the paper, unless denoted otherwise.

Table 1: Input parameters

Anax 40m3/kg/s-brine
Brine inlet temperature 125°C
Brine inlet pressure 10 bar

Cooling water mass flow | 10 kg/s-water/kg/s-brine

Cooling water inlet

15°C
temperature

5.1 Influence of A ax

In this section, the influence of the total allowed heat
exchangers surface is investigated. Figure 3 shows the
net power output for different working fluids as a
function of the maximum allowed heat transfer
surface. Calculations have been performed for all
fluids available in REFPROP, for which the transport
properties are available and for which a subcritical or
transcritical cycle is possible. In the remainder of the
paper, only some promising and widely used fluids are
shown for clarity.
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Figure 3: Net power output of the ORC for different working fluids, as a function of the maximum allowed heat transfer

surface

The net power output increases with maximum
allowed heat exchanger surface as expected. The point
at which adding extra heat exchanger surface does not
seem to be useful, varies between 20 to 40 m2/kg/s-
brine. For a subcritical cycle like the ones with
isobutane and DME, this point lies at relatively low

heat exchanger surfaces, while for a transcritical cycle
with R227ea, this point lies at higher heat exchanger
surfaces. This is explained by the minimum
temperature difference between brine and working
fluid, as shown in figure 4.
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Figure 4: Minimum temperature difference between the brine and working fluid for different fluids, as a function of the

maximum allowed heat transfer surface

The minimum temperature difference between the
brine and the working fluid is always relatively low
(<10°C) for isobutane and DME. These cycles are
subcritical, so the pinch point exists at the entrance of
the evaporator. The temperature difference between
the working fluid and brine in the economizer, the
evaporator and potentially in the superheater are
relatively high. So, the average temperature difference
between the fluids is relatively high. For a transcritical

cycle (R227ea and R1234yf), the fit between the
working fluid heating curve and the brine cooling
curve is much better. The average temperature
difference between the fluids will therefore be closer
to the minimum one than in a subcritical cycle. This
minimum temperature difference is therefore larger in
a transcritical cycle than in a subcritical one.
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The minimum temperature difference between the
working fluid and the cooling water is shown in figure
5. This temperature difference is very similar for all
working fluids. For a subcritical cycle, the minimum
temperature difference between brine and working
fluid is lower than the temperature difference between
working fluid and cooling water. For a transcritical

cycle, both temperature differences are about the
same. This is because the fit between the cooling
water heating curve and the working fluid cooling
curve is relatively good. For a subcritical cycle, this fit
is better than the fit between brine and working fluid,
for the transcritical cycles, both fits are about the
same.
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Figure 5: Minimum temperature difference between the working fluid and the cooling water for different fluids, as a

function of the maximum allowed heat transfer surface

5.2 Influence of the cooling water inlet temperature

In this section the reference input parameters of table 1
are used, but the cooling water temperature is varied
between 5 and 40°C. For every cooling water inlet
temperature a new optimum configuration is
calculated. The net power produced by the ORC
decreases almost linearly with increasing cooling
water inlet temperature as shown in figure 6. This
linear decrease is already mentioned by Walraven et
al. (2013), but the effect in this paper is less. This is
because the configuration of the heat exchangers is
adapted: the heat transfer coefficient is increased when
the cooling water inlet temperature increases to obtain
lower temperature differences in the heat exchangers
as shown in figures 7 and 8. As a consequence the
pressure drop in the heat exchangers increases, but the

electric power needed to compensate for this is
apparently less than the gain of electric power in the
turbine by decreasing the temperature differences in
the heat exchangers.

The discontinuities in the slope of the curves of
R227ea for cooling water inlet temperatures between
15 and 20°C exists because of the transition of a
subcritical to a transcritical cycle. For an increasing
cooling water inlet temperature, the temperature
difference between the brine and the working fluid
decreases. So, the maximum pressure of the working
fluid has to increase and will become supercritical at a
certain moment. The strong drop in the minimum
temperature differences for R1234yf is also caused by
a change in configuration of the cycle.
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Figure 6: Net power output of the ORC for different working fluids, as a function of the cooling water inlet temperature.
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Figure 7: Minimum temperature difference between the brine and working fluid for different fluids, as a function of the
cooling water inlet temperature
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function of the cooling water inlet temperature
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5.3 Influence of the cooling water mass flow

In this section, the influence of the cooling water mass
flow is investigated. The input parameters are given in
table 1, but the cooling water mass flow is varied
between 2 and 20 kg/s-water / kg/s-brine. The net
power output is shown in figure 9. The power output
does not keep increasing with increasing cooling water
mass flow, but there is an optimum value of the
cooling water mass flow. The value of this optimum

mass flow depends on the fluid used. For low cooling
water mass flows, the cooling water heats up strongly
and the condensing temperature is therefore high. For
high cooling water mass flows, the velocity of the
cooling water in the heat exchanger becomes high and
so does the pressure drop. At a certain mass flow, the
electric power needed to overcome this pressure drop
becomes larger than the extra electric power obtained
by reducing the condensing temperature.

Net power output [kW / kg/s-brine]

L
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12 14
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Figure 9: Net power output of the ORC for different working fluids, as a function of the cooling water mass flow. The
dashed horizontal lines represent the maximum net power output for each fluid.
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Figure 10: Minimum temperature difference between the working fluid and the cooling water for different fluids, as a
function of the cooling water mass flow

The minimum temperature difference between the
brine and the working fluid remains more or less
constant, but the minimum temperature difference
between working fluid and cooling water increases
with increasing cooling water mass flow for the
subcritical cycles (isobutane, R245fa, DME) as shown
in figure 10. When the cooling water mass flow

8

increases, it will heat up less. The average temperature
difference between working fluid and cooling water
will therefore be closer to the minimum one. The
average temperature difference is more or less
constant and the minimum temperature difference
increases. For R1234yf, R134a and R227ea the cycle
configuration changes strongly and the evolution of



the minimum temperature differences is strongly
dependent on the configuration.

6. CONCLUSIONS

A platform for system optimization of ORCs is
developed. This platform is used to find the optimum
configuration of a simple ORC and the different plate-
type heat exchangers needed in the ORC. The models
for the heat exchangers are found in the literature.

It is shown that the first step towards a system
optimization works. It is also shown that the influence
of many parameters (cooling water temperature and
mass flow, allowed heat exchanger surface) is very
strong and depends on the type of working fluid.

The platform will be extended in further research by
adding models of shell-and-tube heat exchangers,
turbines and cooling systems. ORCs with recuperators,
turbine bleeding and multi-pressure levels will be
added. The final goal is to extend the platform in such
a way that the economically most optimum
configuration of ORCs can be calculated based on the
site-specific conditions.
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